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Abstract-A numerical study is performed on the laminar forced convection in parallel-plate channels 
with two series of transverse fins. Velocity and temperature distributions of the periodically fully-developed 
flow are carried out through a stream function-vorticity transformation with a finite difference scheme. 
Based on the obtained solutions of flow field, the effect of Reynolds number and other geometric parameters 
on the heat transfer coeflkient and the friction factor can be further evaluated. Results show that the 
relative position of the fin arrays is an influential factor on the flow field, especially for the higher-fin cases. 
In general, the in-line arrangement behaves ineffectively due to the remarkable flow recirculation covering 

the wall surfaces. 

1. INTRODUCTION 

LAMINAR for~d-convection Aows in parallel-plate 
channels have been extensively studied in the last few 
decades. A comprehensive survey of the literature per- 
tinent to the heat transfer behaviour and friction loss 
for the entrance and fully-developed regions has been 
provided by Shah and London [I], However, since the 
overall heat transfer coefficients for a smooth channel 
are always insufficient for engineering application, the 
augmentation of heat transfer becomes particuIarly 
important. 

In a real heat transfer device, fins or ribs are usually 
attached onto the wall surfaces in order to give 
additional area for heat transfer and to improve mix- 
ing of fluid. Forced convection flow in the channels 
with one single obstructive block [2,3], multiple 
blocks 141, multiple transverse fins [S, 61, or fin arrays 
[7-121 has been investigated numerically and exper- 
imentally to study the separation and reattachment 
phenomena as well as their influence on heat transfer 
performance. 

As two series of fins are mounted on the respective 
walls of a channel, the flow is expected to attain, after 
a short entrance length, a ‘periodic’ fully-developed 
character [9, IO]. For analysing this character, Rowley 
and Patankar [11] dealt with the numerical com- 
putation for a circular tube with an array of cir- 
cumferential internal fins. Kelkar and Patankar [7J 
solved a similar problem in a parallel-plate channel 
with staggered fins. Based on their results, it is found 
that the staggered arrangement performs better in 
heat transfer than the in-line arrangement. Physically 
speaking, this is seemingly because the staggered fins 
can cause the flow to deflect and impinge upon the 
opposite walls, whereas the in-line fins make passing 

flow detach from the channel walls and hence, reduce 
the heat transfer performance on the wall surfaces. 

According to the numerical data provided by ref. 
[7], Lazaridis [12] presented a correlation formula 
between Nusselt number and the physical parameters 
for practical application. Besides, Webb and Rama- 
dhyani [8] found that conduction in the channel wall 
can play a highly beneficial role in enhancing heat 
transfer in a channel with staggered fins. 

However, although the relative position of the two 
fin arrays, varying between staggered and in-line 
arrangements, is ‘recognized’ to be an influential fac- 
tor to the flow, no direct information is available for 
evaluating such an influence yet. Hence, it is necessary 
to study the effect of the relative position in order to 
find an effective arrangement. 

Meanwhile, it is important to note that due to the 
existence of fins, the heat transfer coefficient may be 
altered; however, along with the increase of heat 
transfer, there always comes an increase in pressure 
drop. Therefore, it needs a careful evaluation for the 
thermal and flow fields to assess the advantage of a 
proposed heat transfer augmentation technique. 

Under these circumstances, this study performs the 
numerical prediction of heat transfer and flow pattern 
behaviours for the periodic fully-developed flow and 
treats the relative position of fin arrays as an impor- 
tant variable. Various physical arrangements are con- 
sidered in order to investigate their influence on the 
thermal characteristic and friction loss. 

The parallel-plate channel with fin arrays mounted 
on the respective walls is shown in Fig. 1. Since the 
geometry shown in this figure contains a series of 
identical modules, the velocity field repeats itself 
from module to module periodically after a short 
entrance region [9, lo]. It is thus possible to calculate 
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NOMENCLATURE 

hydraulic diameter 
pitch of fin array 
fin height 
friction factor, equation (15) 
channel width 

average heat transfer coefficient 
thermal conductivity of fluid 
relative position of two fin arrays 
local Nusselt number on wall, equation 

(26) 
average Nusselt number, equation (27) 
dimensionless fluid pressure. equation 

(14) 
Prandtl number 

fluid pressure 
periodic variation part of pressure, 
equation (3) 
reference pressure 
dimensionless overall heat transfer on 

wall 
dimensionless local heat flux on wall. 
equation (23) 
dimensionless overall heat transfer on fin 
surfaces 
dimensionless local heat flux on fin 
surface, equation (24) 
dimensionless total heat transfer in a 
module, equation (25) 

local heat flux on wall i. i = I or 2 
total heat flux in a module 
Reynolds number, equation (I 1) 

- 

the flow pattern and heat transfer behaviours in a 
unit module (such as A-B-C-D) without the need of 

computation for the entrance region. 
The fins with fin height (e) are placed uniformly at 

a pitch (u’) in each fin series. However, the relative 

position of fin arrays (L) may be altered during the 
computation to study the effect of L on the flow field. 
It is noted that L = 0 represents an exactly in-line 

arrangement, whereas L = d/t/2 denotes an exactly 
staggered arrangement for the fin arrays. 

The channel walls are maintained with uniform but 
not equal surface temperatures. Based on the concepts 

T 

T,,, 
u 

Ii 

U”, 
I’ 

I’ 

W 

II’ 

x. Y 
s, .I 

fluid temperature 
bulk mean temperature of flow 
dimensionless fluid velocity in the 
.x-direction 

fluid velocity in the x-direction 
average axial velocity 

dimensionless fluid velocity in the 
y-direction 

fluid velocity in the y-direction 
dimensionless fluid vorticity, equation 

(8) 
fluid vorticity 
dimensionless coordinates 
rectangular coordinate system. 

Greek symbols 
0 dimensionless fluid temperature 
1’ kinematic viscosity of fluid 
5 global pressure gradient 

z 

stream function 
dimensionless stream function 

ti,,, maximum value of dimensionless stream 

function in the recirculating eddy. 

Subscripts 
L left surface of fin 

; 

smooth channel 
right surface of fin 

1 wall 1 
2 wall 2. 

of periodic fully-developed character advanced by 
Patdnkar et ul. [IO], the shapes of the temperature 
profiles at successive streamwise locations separated 
by one pitch will become approximately identical after 
a thermal entrance length, under such an asym- 

metrically isothermal boundary condition. The per- 
iodic behaviour of the temperature field enables the 
flow field and heat transfer analyses to be confined to 
a single module simultaneously. 

The present study provides the numerical solutions 
for different Reynolds numbers (up to 500) and for 
various geometric parameters e,iN and L/H, with 

C---d+ A D ---___ wall 2 Tp 

I 
4 

P mllltlul 
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I 
I m-l 
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I I I 
yI 

11 
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I I I 
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FIG. 1. A parallel-plate channel with fin arrays. 
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d/H = 2. The fin material is assumed to be perfectly 

conductive so that the temperatures on fin surfaces 

are equal to the related wall temperatures. It is noted 
that the assumption of steady laminar flow in this 
study is basically valid according to the evidence pro- 
vided by ref. [9]. However, since the influence of the 
relative position on the vortex shedding has not yet 
been evaluated, a further experimental investigation 
for this is definitely needed. 

2. ANALYSIS 

The stream function-vorticity method is applied in 

the present work. Without the awkwardness in the 
pressure term treatment, this method inherently exhi- 
bits the merit in saving the computation time in cal- 
culation under the periodic conditions. 

Since the basic computation procedures for the per- 
iodic fully-developed flows have been described in 
detail in refs. [7, 8, lo], the statement in the following 

section will be limited to the main features of the 
mathematical formulation and the treatment of 
boundary conditions. 

2.1. Flow field 
As explained in ref. [lo], the velocity components 

u, v in a periodic fully-developed flow can be written 
with 

U&Y) = u(x+d,y) (1) 

V(X,Y) = v(x+d,y). (2) 

The pressure is expressed by 

P(X>Y) = -rx+P(x,.JJ) (3) 

where r is a constant representing the global pressure 
gradient, and the quantity p(x,y) is the periodic vari- 
ation term with 

B(x, v) = B(x + d, Y) . (4) 

Assuming that the flow is two-dimensional with 
constant properties and introducing equation (3) into 
the momentum equations, one obtains the continuity 
equation and momentum equations as 

!!!+au=o 
ax ay 

ug+vE=i-f$+v($+$) (6a) 

u;+v$= -;$+v($+$). (6b) 

The boundary conditions for the above equations 
are specified by the no-slip requirement on the channel 
walls and fin surfaces, and by the periodic behaviour 
of u, v and p at the upstream and downstream faces 
of the module. However, the boundary conditions do 
not involve the mass flow rate. As a matter of fact, 
the mass flow rate (or say, the Reynolds number) is 

related to the pressure gradient r, which must be given 
beforehand. In the earlier studies [7, 8, 10, 111, the 

value of r is iteratively adjusted in order to obtain the 
solution of velocity which leads to a desired flow rate 

or Reynolds number for a specific geometry. Such an 
iterative process, however, is a time-consuming step 
in the numerical procedure. 

To reduce the computation effort, the stream func- 
tion-vorticity method, in which there is no need to 
specify the value of the pressure gradient beforehand, 
is employed to examine the flow field, instead of the 
primitive variable method. 

The continuity equation and the momentum equa- 
tions, equations (5) and (6), can be transformed into 

a dimensionless stream function-vorticity formula- 

tion as 

a* a* 
bay, v= -a 

av au 
W=ax-ar 

Li;+ l+$($+$) (9) 

g+g-w 
where X=x/H, Y= y/H, U= u/u,, V= v/u,, 
tj = cp/(u,,,H) and W = wH/u,. The Reynolds num- 
ber is given by the hydraulic diameter of the channel 
D, as 

Re = u,DhIv. (11) 

In the above expressions, u, refers to the average axial 
velocity. 

It is noticed that the Reynolds number appears in 

the vorticity transport equation as an explicit par- 
ameter which can be specified directly. Hence, there 
is no need for an additional iterative process in the 
adjustment of the pressure gradient for a desired 
Reynolds number. The good agreement between the 
solutions in the present and the earlier studies will be 
shown later. 

The periodic character of the dimensionless stream 
function and vorticity is also ensured with the periodic 

flow field, that is 

W(X, Y) = W(X+d/H, Y) (12) 

$(K Y) = $(x+d/H, Y) (13) 

where d/H is the dimensionless pitch length. 

Once the velocity components U and V have been 
obtained, the pressure gradient can be further cal- 
culated through the momentum equation. Defining 
the dimensionless pressure and friction factor with 

p = (P--P,)l(Pu:) (14) 

and 

f = r&l(:~u:) (15) 



2742 C.-H. C‘fww and W.-H. HIJAN; 

respectively, one may transform the momentum equa- 

tion (6a) into 

(16) 

In equation (l4), y, is a reference pressure. By apply- 
ing the periodicity conditions of P on the upstream 
and downstream faces, the friction factor can be cal- 

culated through the integration for equation (16) 
along the axial direction between two corresponding 
points on the respective faces, i.e. 

2.2. Tm~prrature fold 
The dimensionless form of the energy equation is 

2.3. Numericd mctiwd 

By means of a finite difference scheme quite similar- 
to that given in refs. [6, 13. 141, equations (7)- (IO) 
and the energy equation (18) are solved to yield the 
velocity and temperature distributions in a single 
module. The power law scheme described in ref. [ 151 
is employed for the treatment of convection terms in 
equations (9) and (IS). A grid system of 101 x 5 I 
grid points is adopted typically in this computation. 
However. a careful cheek for the grid-independcncc 
of the numerical solutions has been made to cnsurc 
the accuracy and validity of the numerical schcmc. 

For this purpose. four grid systems. 51 x41. 81 y 41. 
IO1 x 51 and IO1 x 66 are tested. It is found that for 
the cast of c/ii = 0.5. Z,. H = I with Kc = 500. ~hc 

relative error in the friction factor between the solti- 
lions of I01 x 51 and IO1 x 66 is within I %I. However. 
the increase in computation time for the 101 x 66 sq’v 

tern is considerable. 

3. RESULTS AND DISCUSSION 

3. I Rr.rult.v qf flow fidil 

(IX) Figure 2 shows the significant etliict of relative pos- 

ition of fin arrays on flow pattern for the case oi 

where II = (T- T2);( T, - T,), Prandtl number 
c/H = 0.3 with Rc = 200. It is noticed that in the 

Pr = 0.71 for air. and T,. T, represent the wall tem- 
staggered arrangement (L’tf = I). fluid is detlectcd 

peratures on walls I and 2. respectively. Under the 
by the fins 10 impinge upon the opposite channel 

asymmetrically isothermal heating conditions con- 
walls. In the in-line arrangement (L,‘I-I = 0). the wall 

sidered herein. the periodic character of the tem- 
surfaces arc covcrcd by the recirculating eddies. The 

perature field will be attained approximately in the 
values of lb,,, indicated in this fipurc represent the 

fully-developed region with 
ratios of the flow rates in different recirculating eddies 

to the overall passing flow rate. 

0(X. Y) = O(X+d/H. Y). (19) 

The periodicity nature in stream function. vorticity 
and temperature, as well as the specified conditions 

on the solid surfaces are listed below : 

on the bottom wall I and mounted tin surfaces 

C’ = 0, v = 0. I) = 0. II = I : 

(20) 

on the top wall 2 and mounted fin surfaces 

The cfTect of the fin array’s relative position on the 
flow pattern is shown in Fig. 3 li,r c/H = 0.5 and 
Rc = 200. In this case with higher fins, a severe flov. 
distortion is found as the value of L’I-I varies. 

Howcvcr. the value of L; H should not be too close to 
zero, in order to avoid unstable \‘ortcx shedding near 
fin tips. 

The influence of Reynolds number on flow field 
is shown in Fig. 4 for ~J/H = 0.5 and I.,‘H = 1. As 
Reynolds number varies from 100 to 500. the strength 
of recirculating eddies is raised appreciably but the 
sire of eddies ia only slightly affected. Besides. Gncc 
this ver) configuration was also considerd by Kelkal 
and Patankar [7], the flow pattern prescntcd in Fig. 4 
can be further compared with their results for con- 
firmation. In consequence, a good agreement between 
the two sets of data has been found. 

at the upstream and downstream faces 

$(O, Y) = $(diH, Y) 

W(0, Y) = W(dH, Y) 

(22a) 3.2. Results of’ femperaturc~ field 

Figure 5 shows the effect of relative position of fin 
(22b) arrays on the temperature distribution for c/H = 0.5 

I&O, Y) = O(d/H. Y) F-1 with Re = 200. The temperature field clearly exhibits 
a great dependence on the value of L/H. Basically. 

where N is the normal direction coordinate for the higher local heat transfer can be expected in the areas 

related solid surface. near the fin tips or fluid-impingement points on the 



(a) L/H=1 (d) L/H=0.4 

IL= 0.10 0.12 J, m= om 0.09 

(b) L/H =0.8 (el L/H=0.2 

Jr m= 0.09 0.12 Jr,- 0.07 

(C) L/H= 0.6 (f) L/H=0 

FIG. 2. Effect of relative position of fin arrays on flow pattern for e/H = 0.3 and Re = 200. 
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VJm = 0.34 q&p 0.21 0.40 

(0) L/H=1 (c) L/H=0.6 

\cm= 0.28 0.38 l/f,= 0.18 a48 

(b) L/H=o.~ (d) L/H =0.4 

FIG. 3. Effect of relative position of fin arrays on flow pattern for e/H = 0.5 and Re = 200. 



2744 
:i and W.-H. H1IAFX.i 

tb) e-200 

(C) Re=500 

FIG. 4. Effect of Reynolds number on flow pattern for r/H = 0.5 and 1./H = I. 

walls. However, the heat transfer reduction is also 
found at the rear of the fins due to the ‘insulation 
effect’ of the recirculating eddies. 

The effect of fin height on the temperature field, for 
L/H = 0.4, is shown in Fig. 6. It is recognized that as 
the value of e/f{ diminishes, the solution approaches 
that of the smooth channel in which the fully- 
developed temperature profile is linear at any cross- 
section. 

Figure 7 shows the influence of Reynolds number 
on the thermal field. For the case of e/H = 0.5 and 
L/H = 1, a stronger convection obviously takes place 
as the Reynolds number increases. 

(b) L/H =o.e 

3.3, Results of heat tramfkr andJi+ction loss 

The solutions of temperature and velocity enable 
the heat transfer performance and the friction factor 
to be further evaluated. The dimensionless local heat 
flux on wall I, Qhi, is defined by 

Qh, = _ __._~~~ 
7.,117.? [~~I~,. ,,,/ = - jgl~~,,,~. i231 

Meanwhile, the dimensionless local heat flux on the 
fin mounted on wall 1. Qf, . is given by 

;_ + !?I 
- iX/&, 

(24) 

(d) L/H=0.4 

FIG. 5. Effect of relative position of fin arrays on temperature distribution for e/W = 0.5, Pr = 0.71 and 
RE = 200. 
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(a) e/ l-l=05 (c) e/H=0.3 

(b) e/H-0.4 (d) e/H=0.2 

FIG. 6. Effect of fin height on temperature distribution for L/H = 0.4, Pr = 0.71 and Re = 200. 

where the positive sign is selected for the left surface, 
and the negative sign for the right surface. 

Integration of Qbx along the wall surface from 
X = 0 to d/H yields the overall heat transfer on the 
wall Qb. On the other hand, the overall heat transfer 
on the fin surfaces Qr can also be calculated through 
the integration of Qti. Then the total heat transfer in 
a module can be calculated by 

Qt = Q~+QP (25) 

Assuming that Z’, > T,, the total heat transfer from 
wall 1 and its mounted fin (QJ should be equal to 
that from the fluid to wall 2 and the mounted fin (Q&, 
based on the energy balance for the module. However, 
in spite of the heat transfer from the fin surfaces, the 

(a) Re=lOO 

overall heat transfer from wall 1 (Q& can be different 
from that to wall 2 (Qbz). 

The local and average Nusselt number are given, 
respectively, as 

Nu, = q,D,/[k( Tj - T,,,)], i = 1 or 2 (26) 
- 
Nu = ~D~lk (271 

where qi is the local heat flux on wall i, T,,, the bulk 
mean temperature defined by 

T,,, = ~IG’d~/~l4 dy 

and h = ~,~[~(~~ - T,)] with qt the total 
a module. 

(b) Re=200 

heat flux in 

FIG. 7. Effect of Reynolds number on temperature distribution for e/H = 0.5, L/H = 1 and Pr = 0.71. 
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Based on the data provided by Shah and London 
[I]. the Nusselt number, the total heat transfer and 
the value of ,f‘ Re for smooth channels within one 
module are 

IVU, = 4 (28a) 

Q<> = 2 

( f’ Re),, = 96 

(28b) 

(2Xc) 

where the subscript ‘0’ refers to the smooth channel. 
The numerical results of the finned channel can then 

be compared with the above values to evaluate the 
effect of fins. 

Figure 8 shows the predicted variation of friction 

factor (J’ J?e)/(,f Re),, as well as the total heat transfer 

QJQ,, with fin height, for a staggered arrangement 
(L/H = I) with Re = 200. In general. both the friction 

factor and heat transfer increase with the value of e/H. 

The value of Q/Q,, reaches about 5 as c/H varies 

from 0 to 0.5, whereas the corresponding value of 

(,f’ Re)/(,f Rr), goes up to 60. much larger than that 
of heat transfer. The reason for the large pressure 
gradient is attributed to the serious distortion of the 
flow caused by the fins. Meanwhile, the numerical solu- 
tions of friction factor provided by Kelkar and Patan- 
kar [7] are also shown with the dashed lint in this 
figure for comparison. A good agreement between the 
data of ref. [7] and the present study can be observed. 

Figure 9 shows the effect of Reynolds number on 
friction factor and heat transfer. Unlike the smooth 

channel case, the results of the finned channel exhibit 
a strong dependence on Reynolds number. Both the 
friction factor and overall heat transfer increase with 
the value of Re. It is noted that the friction factor may 
increase with a factor in excess of 100, whereas only 

about a factor of IO in Q,/Q,, can be achieved. The 
comparison between the results in friction factor of 

Kelkar and Patankar [7] and of this study is also made 
in this figure. The maximum relative error of about 

9.5% is found in the case of Re = 500. However. the 
error decreases rapidly as Reynolds number decreases. 

The comparison in heat transfer could not be done 

fRe 
0, ‘O” 

t 

o prennt study 

60 l QtlQ, 4 

L I 8 I I 1 
0 0.1 0.2 0.3 0.4 0.5 

e/H 
Fro. 8. Variation of friction factor and total heat transfer 
with fin height for L/H = 1. Pr = 0.71 and Re = ‘700. com- 

pared with ref. [7]. 

. ---/o 
/ pr=0.71 4 

/ e&0.5 

L/H-1.0 

-- - -KdkrrCPata”kar 
0 -tidy 3fRe/(fRe), 

I I I L I 0 
loo 200 300 400 500 

Re 

FIG. 9. Variation of frxtion factor and total heat transfer 
with Reynolds number for e/H = 0.5, L;H = I ant1 

Pr = 0.71, compared with ref. [i], 

in Figs. 8 and 9 due to the lack of heat transfer data 
in earlier studies for the asymmetric heating condition. 
However, results of average Nusselt number of the 
present asymmetric heating case are listed in Table 1 
together with some data of symmetric heating in refs. 
[7. 121 for a complete view. 

Considering only the overall heat transfer on the 

wall surface (Q,), the subtle effect of relative position 
of fin arrays can be further investigated. For r/H = 0.3 
with Re = 200, Fig. IO shows the variation of overall 
heat transfer on wall 1 with the value of L/H. The 
influence of Prandtl number is also displayed in this 
figure. It is clear that, for Pr = 0.71, the value of Qb/Q,, 
is less than unity as L/H = 0, implying the decrease 
in heat transfer under this arrangement. But as 
L/H = I, the flow distortion causes fluid impingement 

on the wall and makes Q,,/QO greater than unity. 
For Pr = 4, it is seen that the heat transfer is obvi- 

ously greater than that for Pr = 0.71. However. it is 
also clear that the staggered arrangement behaves 
more efficiently in heat transfer than the in-lint one. 

On the other hand, the effect of the fin height as 
well as the relative position of fin arrays on the friction 
factor for Re = 200 is shown in Fig. I I The value of 
( f’Re)/(.f’Re),> has a great dependence on both the 
values of L/H and e/H. In general. for any L/H value. 

the friction factor decreases monotonously with c/N. 
But for different fin heights. it displays different vari- 
ation trends in friction factor as LiH varies from 0 to 
I However, for the higher-fin cases (e/H > 0.3), the 
etfect of L/H on friction factor becomes more sig- 
nificant. A similar feature can be observed for other 
Reynolds numbers. 

Figure 12 shows the data of friction factor and 
total heat transfer for various Reynolds numbers as 
(J/H = 0.2 and L/H = 0.6. 

The distribution of local Nussclt number on the 
wall surfaces is displayed in Fig. 13. For the staggered 
case, L/H = I and e/H = 0.5, the Nusselt numbers 
increase with Reynolds number. The local maxitnum 
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Table 1. Average Nusselt number as a function of Re, Pr and heating condition for 
L/H = 1 and e/H = 0.5 

Reynolds 
number 

Pr = 0.71 
Symmetric Asymmetric 

heating heating 
[7, 121 (present) 

100 2.25 2.901 
200 3.3 4.390 
300 4.4 5.758 
400 5.3 7.062 
500 6.233 8.295 

I I 1 I 

0 0.2 0.4 0.6 0.0 1 

L/H 

FIG. 10. Effect of relative position of fin arrays on the overall 
wail heat transfer for e/H = 0.3 and Re = 200. 

in Nu,/Nu, on the wall seemingly occurs at the point 

where the impingement of the flow is strongest. How- 
ever, in the areas adjacent to the fin (whose position 
is indicated by the dashed line in this figure), a poor 
heat transfer due to the local stagnant flow is found. 

Figure 14 shows the influence of the fin array’s 
relative position on Nu,/Nu, on the respective walls, 
for e/H = 0.3 with Re = 200. The dashed curves pro- 
vided are associated with the top wall 2. For L/H = 0 

‘O” 

0 0.2 0.4 0.6 0.8 1 

L/H x/H 
FIG. 11. Effect of fin height and relative position of fin arrays FIG. 13. Effect of Reynolds number on local Nusselt number 

on friction factor for Re = 200. on walls for e/H = 0.5, L/H = 1 and Pr = 0.71. 

Pr = 4.0 
Symmetric Asymmetric 

heating heating 
[7, 121 (present) 

3.9 5.934 
6.8 11.140 
9.4 15.082 

11.7 18.144 
13.441 20.508 

4 4 

pt=0.71 

fRe 
me), 1 

Qt 
3- 

a, 

2 

FIG. 12. Variation of friction factor and total heat transfer 
with Reynolds number for e/H = 0.2, L/H = 0.6 and 

Pr = 0.71. 

(in-line arrangement), the distributions of heat trans- 
fer coefficient on wall 1 and wall 2 are identical. There- 
fore, only one curve for this case is given here. 

Figure 15 shows the great influence of Reynolds 
number on local heat transfer on the fin surfaces, for 
the case of L/H = 1.0 and e/H = 0.5. It is observed 
that due to higher temperature and velocity gradients 
at the fin tip, the local heat transfer there is obviously 
larger than other points on both surfaces. 

It is important to remention that for the special case 
of e/H = 0 (i.e. a smooth channel) the numerical solu- 
tions of velocity and temperature profiles approach 
exactly the Poiseuille velocity profile and the linear 
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4- Re=ZOO wall 1 - 

"4 e/H=0.3 waltz ---- 
Nu, 3- Pr=0.71 

0 0.5 1.0 1.5 2.0 

x/H 

FIG. 14. Effect of relative position of fin arrays on local 
Nusselt number on walls for r/H = 0.3, Pr = 0.71 and 

Rc = 200. 

temperature distribution [I] of the fully-developed 
flow, respectively. Figure 16 shows the results of com- 
parison between numerical and analytical solutions. 
This agreement can also ensure the accuracy of 
numerical prediction. 

4. CONCLUSIONS 

Numerical investigation on the heat transfer and 
flow pattern for the laminar forced convection in the 

parallel-plate channels with conductive fin arrays has 

been carried out. The effect of the physical parameters, 
IO< Re,<500. O<e/H,<0.5, O<L/H< 1 and 
Pr = 0.71 or 4 is evaluated by the stream function-- 
vorticity method with the finite difference scheme. 

Basically. when two series of perfectly conductive 

fins are mounted or, the respective walls, the flow 
will attain a periodic fully-developed character after a 
short entrance length. In this region, both the heat 
transfer and friction factor of the flow are found to be 
dependent on the Reynolds number and the geometric 

arrangement. 
The relative position of the fin arrays (L/H) is 

treated as another influential parameter to the flow. 
The flow pattern with the configuration varying from 
in-line to staggered arrangement is predicted. Results 
show that the friction factor exhibits greater depen- 
dence on the relative position of fin arrays for the 

higher-fin cases (e/N > 0.3). 

QfYlR 
0 0.2 0.4 0.6 0.0 1.0 

Y/e 

Ftc. 15. Effect of Reynolds number on heat transfer on fin 
surfaces for e/H = 0.5, L/H = I and Pr = 0.71. 
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FIG. 16. Comparison between numerical and analytical solu- 
tions for the special case of a smooth channel. 

For the improvement of overall wall heat transfer, 
the correct arrangement of fins is important. It is 
found that the in-line arrangement may cause the 
passing flow to detach from the wall, and hence result 
in the flow recirculation covering the wall surface. 
Consequently, a reduction in wall heat transfer may be 
caused. In respect of this, the staggered arrangement 

behaves more efficiently than the in-line one. 
It is observed that both the total heat transfer and 

the friction loss may increase with Reynolds number 
and fin height. For the staggered (or nearly staggered) 
arrangement, the friction factor ratio, (f’Re)/(,f Re),, 

may increase by an order of 100, whereas only by 
about 10 in increasing of the total heat transfer ratio. 

Q,/Q<,. can be achieved. 
However, as the fin height diminishes, the solutions 

approach those of the fully-developed flow in a 
smooth channel and are independent of Reynolds 

number. 
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PREDICTION NUMERIQUE POUR LA CONVECTION FORCEE LAMINAIRE DANS 
DES CANAUX A PLAQUES PARALLELES AVEC DES ARRANGEMENTS DE 

PICOTS 

Rbmn-Une etude numtrique est conduite sur la convection laminaire for&e dans un canal a plaques 
paralleles avec deux series de picots transverses. Des distributions de vitesse et de temperature de l%c- 
oulement etabli ptriodique sont obtenues avec une transformation fonction de courant-vorticite avec un 
schema de differences finies. A partir des solutions obtenues, on &value l’effet de nombre de Reynolds et 
d’autres parametres gtomttriques sur le coefficient de transfert thermique et le coefficient de frottement. 
Les rdsultats montrent que la position relative des picots est un facteur influant sur le champ de vitesse. 
En general, l’arrangement en ligne est moins afficace a cause de la recirculation de l’ecoulement qui couvre 

les parois. 

NUMERISCHE BERECHNUNG DER LAMINAREN ERZWUNGENEN KONVEKTION 
IN EINEM STROMUNGSKANAL AUS PARALLELEN PLATTEN MIT 

QUERVERLAUFENDER BERIPPUNG 

Zusanunenfassung--Die laminare erzwungene Konvektion in einem Kanal aus parallelen Platten mit 
zwei Reihen querverlaufender Rippen wird numerisch untersucht. Unter Verwendung eines Finite- 
Differenzen-Verfahrens und einer Transformation fur Stromfunktion und Wirbelintensitiit ergeben sich 
die Verteilungen fur Geschwindigkeit und Temperatur in der periodisch vollstlndig entwickelten Striimung. 
Aufgrund des berechneten Strijmungsfeldes kann der EinfluB der Reynolds-Zahl und anderer geometrischer 
Parameter auf die Koeffizienten fur W&me- und Impulstransport bestimmt werden. Es zeigt sich, da8 
die relative Position der Rippenanordnungen einen starken EinfluD auf das Strijmungsfeld ausiibt- 
insbesondere in Fallen mit hohen Rippen. Ganz allgemein ist eine fluchtende Anordnung aufgrund der 

spiirbaren Rezirkulationsstromung an der Wandoberflbhe wenig wirksam. 

HHCJIEHHOE HCCJIEAOBAHRE JIAMMHAPHOlil BbIHVmAEHHOft KOHBEKI@IW B 
I-IJIOCKOIIAPA.JIJIEJIbHbIX KAHAJIAX C I-IOI-IEPEHHbIMH Px&AMH PEBEP 

AWOTaUmI-%iCJIeHHO HCCJIe~eTcK JTaMHHapWK BbUiy;IUleHHaR HOHBeICrlHK B ILWCKOlIapZULUeJIbHOM 

KSuiane c ll~ybsn panam nonepev~arx pe6ep. Pacnpenemin cxopocreii H rehmeparyp nepeo~mllecrcoro 
IIOJlHOCTbK) jJa3BHTOI'O Te'leHHII OlIpCAeJlCHbI C lIOMOIl&blO npeo6pasonamrn “r$ymonin TOKa- 

3aBAXpeHHocTb"KOHeuHo-pa3HocrHbIMMeTOnOM. Ha OCHOBe llOJIy¶eHHbIX pelUeHEiiijIJIK lIOJlRTe¶eHHK 

MOXCCT OIJeHliBaTbCX BJIURHHe 'IHUla PeiiHOJlb@Za H mpHX reOMeTpHWCKHX napaMeTpOB Ha KOS#l@i- 

UHSXTU TennOnepeHocaIITpe~n.Pe3ynbTaTar lIOKa3bIBiUOT,¶TO OTHOCHTeJIbHOe paCllOJIOXeHHC~~OB 
pe6ep oKa3bIBaeTnnHxHHeHa none~eve~~n,oCde~~o B cnysaepe6ep 6on~,moi B~ICOT~I.KOPHL~O~HO~ 
paClTOJlO~eHHe pe6ep KBJUETCR HeZ+&CTHBHbIM B CHJIy 3Ha'tHTenbHOii &EJJJipK)‘~K~ Te¶eHliK y 

IlOBe~XHOCTekCTeHOK. 


